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Development of the trilateral flaSh : cyéle'f~rsys'tem
Part 3: the design of hlgh-efficlency two—phase
screw expanders

1K Smlth BSc(Eng), PhD, DIC, CEng, F IMechE, N Stosi¢, BSc, MSc, DSc and C A Aldis, BSc, MSc, PhD
Thermo-Fluids Engineering Research Centre, City Umversny, London

An extensive research and development programme carrzed out at City University, London, has led to an lmproved level of understand-
ing of how Lysholm twin screw machines may be used to recover power from two-phase flash expansion processes. The mode of
operation of such machines is described together with the various types of rotor shapes used. Details are given of a computer simulation
of the expansion process which was used to analyse 636 test'results. These were obtained from earlier investigations as well as those of
the authors and include three different working fluids, varying rotor profiles and sizes and power outputs of 5-850 kW. Good agreement
was obtained between predicted and measured performance parameters and statistical analyses of the results indicate that this is.
unlikely to be improved without the development of more refined methods of two-phase flow analysis than are currently in use. Included
in the tests are a set of measurements of pressure~volume changes within the expander carried out by the authors which confirmed a
hitherto unappreciated feature of the expansion process. This is the relatively large pressure drop associated with the initial filling of
the volume trapped between the rotors and the casing. The analytical technique thus developed was used both to -explain the poor
results of earlier studies with water expanders and.to estimate optimum design performance. It is shown’ that, when expanding wet
organic fluids, adiabatic efficiencies of over 70 per cent may be obtained at outputs of only 25 kW while multz-megawatt outputs are
possible from machines no bigger than large compressors with efficiencies of more than 80 per cent: ‘Two-phase screw- expanders may be
used not only for large-scale power generation in trilateral ﬁash cycle (TF C) systems, but also in place of throttle valves in vapour
compression systems to drive screw.compressors in sealed ‘expressor’ units, The coefficient of performance of large refrzgeratlon, air
conditioning and heat pump systems may. thereby be raised by up to approxtmately 8 per cent.. “ia
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NOTATION ¢ drag coefficient:

a sonic velocity p fluid density
A cross-sectional area of flow ¢ angle og rotation
Ay, . instantaneous area of discharge port gde : :ggie o frOtimt‘lm at r’hlﬁh ﬁlschatrgeneréds
Agis.mex Maximum area of discharge port , e s1o%1 eer?dsro ation at which controfled expan-
A instantaneous area of suction port . .
A:::,nm maximum area of suction port 3 angle1 of rotat!on at which suction port opens
Cy discharge coefficient of port flow ' angular velocity .
e specific internal energy including KE (kinetic
. ?nerSY)l ncluding KE Superscript

internal energy includin, o . s
f friction coefﬁgc)ilent & Newtonian notation, time derivative
G mass velocity
) specific enthalpy Subscript
H system enthalpy v
I leakage clearance length (sealing line) , igﬂ g;?ypf;?(; ‘;ﬁ:’ii;‘:;‘::rgcaell’l
m mass .
M Mach number out -flow out of an expander cell
P pressure i individual component of flow
0 heat transfer between fluid and casing ; gpstream cond1t1qn§
Re Reynolds number ownstream conditions
u specific internal energy 1 INTRODUCTION
U internal energy
v specific volume 1.1 Lysholm screw machines
IK/ t‘;o!gmel it A Lysholm twin screw engine is a positive displacement

dul ve ?CI 3{ rotary machine consisting of a meshing pair of helical
x ryness fraction lobed rotors; contained in a casing, which together form

a working chamber whose volume depends only on the
Greek angle of rotation. Depending on its direction of rota-
. ion, it m ither f . .

5, leakage clearance width (gap) tion, it may be used either for expansion or compression
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and its operation in the expander mode is indicated in
the successive diagrams shown in Fig. 1. It may be
noted that admission occurs through the upper portion
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Fig. 1 The. expansion process.in a twin screw machine. Fluid erters the
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casing through the inlet port at the top of the rotors in. the passages

formed between ‘the rotor lobes until rotation cuts off their access.

Expansion: then proceeds by further rotation which ddvances the line
of contact bétween the rofor lobes until the whole helical length of
both the main and gate rotor passages is filled with fluid. Further
rotation causes the lobes to re-engage, starting from the bottom of
the high-pressure end. The advancing line of contact underneath the
rotors then drives the fluid forward, and downward through the exit

. port which is cut out of the case in this region (not shown)
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of the front face of the rotors. The fluid is exhausted
from the under side and lower portion of the rear face
-of the rotors. The expansion process therefore leads to

large axial and bending forces on the rotors. The rotors .

- are subjected to similar forces when the direction of
motion and fluid flow are reversed for compression.

Rotation leads to an increase in volume up to a
maximum value when expansion is complete. The
volume ratio of expansion is determined by how far the
inlet port, through which the fluid is admitted, extends
around the circumference of the high-pressure end of
the casing. At, or near, the angle of rotation corre-
sponding to maximum expansion, the discharge port in
the casing is exposed. Further rotation causes the
trapped volume of fluid to be expelied at approximately
constant pressure. This sequence of operations is shown
in Fig, 2 where the positions of inlet port cut-off and
exhaust port discharge are indicated and where the
variation of port areas with rotation are shown. As may
be seen, due to the smaller rotational angle for expo-
sure, the restriction to flow is greater at inlet than at
discharge and the built<in volume ratio is determined by
the angle at which the inlet port is cut off. An advanta-
geous feature of such a configuration is that, unlike a
reciprocating machine, it -has a negligible clearance
volume at the high-pressure end.

Its adiabatic and volumetric efficiencies are highly
dependent .on both the proﬁle and number of the lobes
in each rotor. o

1.2 Rotor profiles and ‘onﬁgurations o

Vs

The rotor profiles most commonly used are those devel-
oped by the Swedish company, Svenska Rotor Maskin-

— — — Suction port area
- - - - Discharge port area
Volume

! Suction !

0.04:

0.02

Expansion

er (SRM), the licensors of the original Lysholm patents,
and their most usual configuration is the 4/6, with four
lobes on the main or male rotor and six on' the gate or
female.rotor. The first rotor combination to be devel-

~ oped. ‘was based on the circular symmetric profile,

shown in Fig. 3a. All the lobe segments are circular and
its' use in compressors has been well described by
Amosov (1) and: in dry gas expanders by Margolis (2).
Its main deficiency is the relatively large gap formed
between the rotors and the casing at the cusp which
forms a blow-hole, thereby creating a leakage path for
the gas. :

This was followed by the asymmetrrc profile, as
shown in Fig. 3b. It was developed using a system of
cycloids to generate the high-pressure face of the lobes
while the low-pressure face was modified by the eccen-
tricity of the gate rotor circle. Details of how it is gener-
ated are given by Rinder (3). With this profile and a 4/6
configuration, compressor adiabatic efficiencies of more
than 70 per cent were obtained. This was increased to
75 per cent with a 5/6 configuration and over 80 per
cent with a 5/7 arrangement. Even higher efficiencies
may be obtainable with lobe. profiles derived from more
recent computer optrmlzatlon methods. An example of
such a profile is shown in Fig. 3c.

Regardless of the rotor profile, the relatlve motion of
the two rotors has a small sliding component and is
never pure rolling, It is therefore essential that there is
no direct contact between them while. they revolve This
is avoided by one. of two methods. .

1. Admitting & relatrvely large ma' [s ol together with
‘the working fluid which is separated out after the

Discharge

600

Rotational angle

deg

Fig. 2 An example of volume and port aréa change with rotation in a screw
expander, THé abcissa datum has been set to zero at the point.of
cut-off"of the'ifilet port. This position determines the machine built-in
volume ratio. The discharge port exposure starts at the position of
maximum volume, although in practlce earlier or later openmg will

not greatly affect the performance
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(a) The circular symmetric
profile, still sometimes
“used in very large machines
despite the relatively large
blow-hole

per cent

(b) The asymmetric profile
which reduces the blow-hole profile
area by approximately 90 ¥

(c) A modern advanced

Fig. 3 Typical rotor profiles

fluid leaves the machine. Such machines are
described as oil injected. They are cheap to construct
and have ‘high efficiencies due to the oil inhibiting
leakage through the rotor clearances. = Their
maximum rotor tip speed is limited to 40-50 m/s
because of the large viscous forces due to the oil.

2. Connecting the rotors by timing gears which are
lubricated -externally. Such machines are termed oil
free. They run-at tip speeds of up to 120 m/s as
process gas compressors and are therefore compact.
However, ‘they ‘cost more to manufacture than the
oil-injected machines..

2 ANALYSIS OF A TWO-PHASE SCREW EXPANDER

2.1 Computer simulation of screw expander performance

Analysis, performance prediction and design of screw
machines as compressors by computer modelling is
extensively reported and in recent years great advances
have been made in the scope and accuracy of such pro-
grams. The general approach used is to assume
unsteady one-dimensional flow throughout the suction,
compression and discharge processes and to account
separately for bulk flow, flow through the various
leakage paths and fluid friction effects. The most signifi-
cant publications describing such models are given in
references (4) to (6). '

There are relatively féw publications on the analysis
of screw expanders, especially when operating in the
flashing mode. The most noteworthy may therefore be
described quite briefly. Margolis (2) analysed dry gas
expanders with symmetric profile rotors. Ng et al. (7)
attempted the analysis of expanders based mainly on
Japanese experiments with dry steam. The analysis did
not include a detailed study of all the processes -but
showed the importance of selecting the correct dis-
charge pressure to avoid the adverse effects of over- or
under-expansion. Steidel et al. (8) carried out parametric
studies of two-phase screw expander performance based
on Steidel’s earlier experimental work with water (9).

Dunbar (10) attempted a more detailed study of the

losses due to leakage, friction, etc., based on Steidel’s
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published data. Taniguchi et al. (11) analysed and mea-
sured the performance of twin screw machines as two-
phase expanders using Refrigerant 12 (R12) as the
working fluid. Their approach was essentially an adap-
tation of the compressor analysis techniques of refer-
ences (4) to (6). Recognition by the principal author that
the mode of admission of the fluid:to the expander
could greatly affect the expansion process led to a study
of flow in the inlet port by Xu (12). More recent work
on screw expanders for dry gases and vapours is report- -
ed by Persson (13) and also by Kauder and Zellermann
(14) who compared their predictions with experiments.

2.2 Method of analysis

The method- employed is -generally similar to that of
Taniguchi, et al. (11) but was applied to all previously
published experimental results as well as extensive data
obtained by the authors rather than the small number
of slow speed results which he used. This led to a more
refined program which produced a better understanding
of the processes involved. Its essential features are as
follows:

1. The geometric relationships which describe the rotor
profiles are used to define an instantaneous control

. volume formed by the space between a matching pair
of rotor lobes and the casing at any rotational posi-
tion. This definition includes the trapped volume, the
inlet and-exit flow areas and the leakage path areas
between the engaging rotors and between the rotors
and the casing.

2. The equations of conservation of mass, momentum
and energy are then applied to the instantaneous
flow of fluid through this control volume.

3. An equation of state is used to relate the thermody-
namic properties of the working fluid passing
through the expander. More details of this are given
in references (15) and (16). '

4. The use of these equations and the assumption of a
.rotational velocity leads to a set of simultaneous
non-linear differential equations whose instantaneous

© IMechE 1996
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solution leads to the estimation of the pressure
within the trapped volume at any angle of rotation.
5. The equations are too complex to be solved in closed

form but their numerical integration produces a solu- -

tion which describes the admission, expansion and
discharge processes within the expander and esti-
mates of the pressure—volume changes within it from
which the mass flowrate, power output and adiabatic
efficiency of the machine may readily be derived.

More details of these features, the governing equations
and their method of solution are given in the Appendix.

3 THE EXPERIMENTAL PROGRAMME

3.1 The test rig

In the early stages of the development programme for
the trilateral flash cycle (TFC) system, a closed-loop test
facility was constructed to determine the attainable effi-
- ciencies of two-phase expanders using organic working
fluids. Refrigerant 113 (R113) was chosen as the
working fluid rather than a hydrocarbon in order to
meet laboratory safety requirements at minimum cost.
Also its pressure~volume-temperature characteristics
approximate to those of pentane and its relatively low
volatility at atmospheric temperature made it easy to
handle. The rig was designed by KE International and
constiucted under“their supervision with funding from
both private venture capital and a Department of Trade
and Industry grant, It was given the acronym SPHERE
(single-phase heat efficient recovery of energy) and its
basm layout is shown in Fig. 4.

- The test loop had a bypass circuit so that the liquid
refrigerant could be pressurized, heated, throttled and

Throttle
valve

Twin screw
expander

Condensate

@ Pressure transducer

@ Temperature probe

condensed without passing through the two-phase
expander. This was both for ease of starting up and
emergency shutdown. Initially it was built to test either
a small multi-vane or a twin screw expander, but the
vane expander programme was discontinued after pre-
liminary tests and the rig modified for use with a screw
expander only.

The capacity of the rig was made as large as possible
within the limits of the available heat supply which was
provided by the laboratory steam boiler. On this basis
the heater was designed to supply 600 kW, to the
refrigerant. Heat rejected by the condenser to cooling
water drawn from the laboratory recirculating cooling
system was ultimately transferred to the atmosphere
through a forced draught cooling tower.

The test rig was instrumented with high-quality pres-
sure transducers and resistance thermometers for pres-
sure and temperature measurements round the circuit, a
turbine flowmeter to measure the liquid refrigerant
flowrate and an orifice plate and differential pressure
transducer to measure the cooling water flowrate. The
expander torque and speed were measured with an eddy
current dynamometer. All measurements were recorded
on a datalogger and then transferred to a personal com-
puter (PC) for on-line data processing.

3.2 The test programme

The following builds of screw expander were tested on
the SPHERE test rlg

1. A modified oil-free compressor supphed by Howden

Compressors with rotor diameters 0f:204 mm and an

:L/D ratio of 1.1. The- built-in -volume ratio was

~ approximately 5: 1 and the rotors: had a symmetrlc
circular profile.

Eddy
“current
dynamometer

Flowmeter

Cooling
water

Fig. 4 The authors’ test rig on which five builds of screw expander were run
at power outputs of up-to 50 kW using R113 as the working fluid
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2. The same machine, modified to increase the volume
ratio to 6 : 1 and the rotors changed to those of an
SRM ‘C’ profile.

3. The same machine further modified by opening out
the inlet port, inserting a profiled plate at the high-
pressure end and shortening the rotor length by the
thickness of the plate. This reduced the volume ratio
to 3:1 and the L/D ratio to 1.05: 1.

In all three builds of the Howden machine it was noted
that though adiabatic efficiencies of up to 72 per cent
were achieved at tip speeds of 30 m/s or less, at higher
speeds, where the performance was expected to
improve, the power output and efficiency fell off and the
mass flow did not increase as anticipated. In addition
the shaft seals were found to be inadequate and there
was absorption of both refrigerant by the lubricating oil
and oil by the refrigerant.

Since the back pressure of the expander corresponded
to a much lower value than that estimated from the
inlet conditions and the built-in volume ratio of the
expander, it was concluded that the poor performance
at higher speeds was related in some way to the admis-
sion of the working fluid to the expander. Accordingly a
new machine was designed and built by Belliss and
Morcom specifically as an expander which contained a
number of novel features. These included a straight inlet
port designed at City University (12), a radial flow dis-
charge port, hydrostatic bearings and novel seals. Addi-
tionally, with the aim of increasing the efficiency, the
L/D ratio was raised to 1.65:1 and hence, to retain
approximately the same flow capacity as the Howden
machine, the rotor diameters were reduced to 163 mm.
The built-in volume ratio was 3 : 1 and the rotors had a
‘C’ profile.

Some problems were experienced with this machine.
Most notable of these was fluid flow noise similar to
cavitation noise normally heard in boiler feed pumps.
This was ascribed to poor exit port design leading to a
local pressure rise of the fluid during the discharge
process. The range of speeds and inlet conditions at
which the expander could operate satisfactorily was
thereby restricted.

Work then continued with an SERC grant for more
detailed analytical studies which were considered to be
essential. A further SERC grant was then obtained, with
some industrial support, to compare the analytical
studies with a series of tests designed to obtain direct
pressure measurements of the expansion process
between the rotors and thereby obtain a measured p—V
diagram for the expander. The accuracy of the com-
puter simulations would be more reliably checked by

this means than by comparison of the derived and mea-
sured values of mass flow, power output and efficiency
since pressure is estimated as a local derivative whereas
the other values are obtained by its integration.

To carry this out satisfactorily a new casing was
designed, built and assembled by the authors with a
substantially modified discharge port and tappings for
four Kistler piezoelectric pressure transducers to record
pressure changes within it. These were connected to a
digital oscilloscope with arrangements for direct trans-
fer of the signal traces to the PC used for processing the
other measurements. Many difficulties were experienced
with the assembly but eventually these were overcome.
The expander ran without any further noise and a set of
p-V diagrams was obtained over a range of operating
conditions limited only by the capacity of the test rig to
deliver the required heat and fluid flow.

3.3 Summary of test results considered

In addition to the test results obtained by the authors
on the five builds of machine described in the previous
section, data were obtained from Taniguchi et al’s
experiments (11) and from the Total Flow system pro-
gramme with water expanders (9, 17). The latter has
already been described in references (18) and (19). The
total number of tests considered is given in Table 1. In
all cases a 4/6 rotor configuration was used.

Although the Total Flow data available was con-
siderably greater than that selected, the results analysed
were a representative sample and with these forming a
significant part of the total of 636 test points, three dif-
ferent working fluids, two types of rotor profile and a
wide range of rotor diameters, built-in volume ratios
and L/D ratios the data collected must be viewed as
fairly comprehensive.

4 RESULTS OF THE ANALYTICAL AND
EXPERIMENTAL STUDIES

4.1 The pressure—volume diagram

The most distinctive feature of the derived results is the
shape of the pressure-volume diagram, of which a
typical result is shown in Fig. 5. As can be seen, the
initial filling process, which is normally assumed to take
place at approximately constant pressure, is in fact
associated with a relatively large pressure drop and
hence a significant expansion. This pressure drop is due
to the acceleration of the fluid as it enters the varying
and restricted space between the rotor lobes. It is much
larger than the pressure change associated with gas dis-

Table 1 Summary of test results

Rotor diameter Volume Number of
Set reference mm L/D ratio Rotor profile Working fluid Origin test points
1 204 1.1 5 Symmetric Refrigerant 113 Smith 150
2 204 1.1 6 SRM C Refrigerant 113 Smith 44
3 204 1.05 3 SRM C Refrigerant 113 Smith 11
4 163 1.65 3 SRM C Refrigerant 113 Smith 178
5 163 (new port) 1.65 3 SRM C Refrigerant 113 Smith 52
6 81.6 1.65 5 SRM C Refrigerant 12 Taniguchi et al. (11) 4
7 128 1.28 3.0-53 SRM C Water Steidel et al. (8) 75
8 416 1.51 7.8-9.1 SRM C Water LaSala et al. (17) 122
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Fig. 5 A typical estimated p—V diagram of a two-phase expansion process.
Note the large pressure drop associated with the filling process

charge from compressors through the same area in the
reverse direction because the fluid entering has a very
high liquid content and therefore a much greater
density. For the same fluid velocity the p¥? value is
therefore much bigger. It is worth noting that a similar
but less marked effect was recently observed by Kauder
and Zellermann (14) when investigating oil injection in
a dry gas screw' expander. The gain in fluid kinetic
energy is not dissipated in the filling process, as in
reciprocating machines, - because the' entire trapped
volume of fluid rotates. The filling process is therefore
the non-steady flow equivalent of the steady flow
through a turbine nozzle.

The reliability of the authors’ predictions is demon-
strated in Figs 6 to 9, where a representative set of their
p-V measurements is compared with their correspond-
ing computer simulations for the same inlet. conditions,
rotational speed.and. back pressure. These cover, both

low- and high-speed tests ' with: over-. and under-

expansion in the rotors.
The 1mp11cat10ns of the authors ﬁndmgs are:

1. The. pressure ratio_of expansion.is much larger than
that anticipated from the built-in volume ratio. of the
expander and increases with speed for the same inlet
conditions.

Speed = 1200 r/min=
Inlet temperature = 120 °C

7.0

Estimated
2 a o s s Measured

6.0

5.0

Pressure
bar

4.0

|1;n|||L'111|L‘||||||,L_|||||,_A_‘_4|n

30 l||T‘T‘T'Y"1ﬂ_||l||"|—!lI\rﬁlllT'rﬁﬂ|||rrrTTlLﬂlﬁTT’mllllllmTTﬁﬂTrrﬁ—TﬁTrrﬁ_ﬁﬂ*
-100 0 100 200 300
Rotor angle
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Fig. 6 Predicted and measured pressure change with rotation in a 163 mm
diameter rotor screw expander operating at 10 m/s tip speed with

R113 as the working fluid
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Fig. 7 Predicted and measured pressure change with rotation in a 163 mm
diameter rotor screw expander operating at 20 m/s tip speed with

R113 as the working fluid

2. Given the same inlet conditions, the greater the rota-
tional speéd, the mibre fluid flashes into vapour
during the filling process. Hence the gain in mass
flowrate decreases.

4.2 Accounting for mechanical friction losses.
The numerical solution of the equations described in
Section 2 and'the Appendix enables the mass flow to be

estimated and both the indicated power output and
adiabatic efficiency derived from the'area under the p—V'
diagram. The measured fluid flowrate may be compared
directly with its estimated value but the power output
and adiabatic efficiency of the expander obtained from
measurements ‘are not directly comparable with -their
corresponding estimated values unless the friction losses
associated with the timing gear, bearings and shaft seals
are accounted for. These losses vary widely' depending

Speed = 3600 r/min
Inlet temperature = 100-°C -

bar

Pressure

2.5

Estimated
s & » s a Measured

2.0

Liverevsa s afarraneny

1.5
-100

(=

-
?
.
|

LI N I N O L B I

100 200 300

Rotor angle

!

deg

Fig. 8 Predicted and measured pressure change with rotation in a 163 mm
diameter: rotor screw expander operating at 30 m/s ‘tip speed with
R113 as the working fluid. Note the over-expansion within the rotors
as a result of the increased pressure drop during the filling process
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Speed-= 4800 r/min
Inlet temperature = 100 °C

bar
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s'a o aa-Measured
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deg

Fig. 9 Predicted and measured pressure change with rotation in a 163 mm
diameter rotor screw expander operating at 40 m/s tip speed with

R113 as the working fluid

on the type of bearings and seals used in each design.
Accordingly the meéthod used to estimate them in each
expander was to compare the calculated indicated
power with the measured shaft output at a test point
where the estimated and measured mass flows agreed
fairly well. The difference between these values was
taken as the cumulative friction loss which was assumed
to be proportional to rotational speed squared and
independent of load. The power loss function so derived
was thien.used to-predict the values of shaft output and
adiabatic efficiency at all the other test points.

4.3 Comparison of estimated and méasufed two-phase
screw expander performance

4.3.1 Presentation of the data

The accuracy of the computer simulations of two-phase
screw expander performance may be appreciated most
readily from graphical presentation of the measured and
estimated performance parameters. The most significant
of these are power output and adiabatic efficiency and
each of these is shown as the ordinate with the inlet
dryness fraction as the abscissa, for a wide range of inlet
temperatures and pressures, exit pressures and speeds.
Interpretation of the graphs should therefore be limited
to observing the proximity between the estimated and
measured values for each test point rather than trying
to detect a trend for all the results. Some discretion is
required to differentiate between two sets of data in
those cases where the inlet dryness fraction is constant,
but other conditions are varied. In order to clarify the
presentation, in the case of the authors’ test results only,
the number of points plotted was reduced by including
only those results where the power output was greater
than 30 per cent of the maximum value for that build.
Also, this eliminated regions of operation:that are not
significant for appraisal of the expander potential.

© IMechE 1996

4.4 Test results

4.4.1 Howden expahder test data -

Although' the three builds tested differed radically ‘in
built-in volume ratio as well as in the rotor profiles,
speeds, inlet temperatures and dryness fractions at
which they ran, in ordér to reduce the number of graphs
required, the results from all of them:are grouped
together in Fig. 10. As may be seen, overall the agree-
ment between estimated and measured results is quite
good. Note that maximum adiabatic efficiencies of over
70 per cent were achieved at.an output of only 25 kW.
At tip speeds above 30 m/s the power output and

~ adiabatic efficiency decreased, even when the mass flow-

rate was increased. At the time of testing, which was
early in the programme, such trends appeared to be
contradictory, but they can now be readily understood
from the findings of Section 4.1. As shown in Fig. 11,
what happened was that the internal pressure drop in
the filling process increased with speed to such an
extent that at the higher speeds the pressure in the
rotors, prior to discharge, became lower than the back
pressure maintained by the condenser. Hence the fluid
was recompressed on opening of the exit port and the
power output and efficiency both fell. The mass flow
could only beé increased at constant temperature by
decreasing the dryness fraction. This increased the fluid
inlet density and hence the pressure drop in filling. Thus
the output and efficiency were reduced even more.

 4.4.2 Belliss and Morcom expander test data

As already mentioned in Section 3.2, the range of oper-
ating conditions for the first series of tests was greatly
restricted due to the severe noise problem. To minimize
this, the test runs were restricted to low tip speeds and
relatively high inlet dryness fractions.
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Fig. 10 Predicted and measured power outputs and adiabatic efficiencies in
the authors’ first series of tests. The points shown include volume
ratios of 3:1,5:1 and 6: 1, tip speeds of 20-40 m/s and inlet tem-
peratures of 90-120°C., Note that the maximum measured adiabatic
efficiencies are greater than 70 per cent -

The improved port design of the new casing enabled
test results to be obtained over as wide a range of
speeds and dryness fractions as was possible within the
capacity of the test rig. However, its quality of manufac-
ture was very poor and it was found that the rotor
bores were not parallel so that it was impossible to
assemble the machine with freely rotating rotors.
Accordingly, the male rotor outer diameter was reduced
by 0.002 in (0.05 mm) and the bearing housings at the

low-pressure end relocated so that the rotors revolved.

slightly eccentrically in their bores.

In view of the known uncertainty of the true average
clearances between the rotors and between the rotors
and the casing, elementary statistical methods were. used
to refine the analysis by adjustment of the assumed
clearances within the expander. In their initial analysis,
these were taken as the average associated with 163 mm
diameter rotors. After all the results of each build were
analysed, the clearances were altered until the average

Part A: Journal of Power and Energy

difference between calculated and measured values of -
mass flowrate, power output and adiabatic efficiency
was as small as possible. This involved a 13 per cent

" increase in the assumed average clearances which were

initially taken to be 0:29 mm radially and 0.13 mm
axially. It therefore constitutes a very small change in
absolute terms and:consequently had quite ‘a small
effect on the individually estimated values. Howevet, it
made further statistical  comparisons between the
experimental and predicted values more meaningful.

44.3 Tamguchz s test results

Tamguchl et al. (11) carried out an exper1mental investi-
gation of a small screw expander to determine its suit-
ability to improve ‘the efficiency of large-scale heat
pumps by its use in place of a normal throttle valve
using Refrigerant 12 (R12) as the working -fluid. The
application intended was to use the recovered power
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directly by coupling the expander to the main compres-
sor and thereby reduce the external power input. The
results were not presented in sufficient detail to repro-
duce in the form used. for the authors’ test results and in
addition only four points were available for analysis.
Nonetheless, it was considered a very useful exercise to
compare the efficiencies predicted by the authors with
those given. The result of this study is shown in Fig, 12
and, as may be seen, the differences are fairly small.

444 Total Flow expander test data

The extensive test data gathered during the Total Flow
programme with water as the working fluid were an
ideal source for determining the validity of the com-

0.80
R12
Inlet temperature = 62 °C

=
3

Adiabatic efficiency
(=}
kS
(=]
TN S T U U S VY 0 Y O O U SO S T T B MR |

0.20
Measured
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Fig. 12 Authors’ predictions of adiabatic efficiencies in a
small-scale 81 mm rotor diameter expander oper-
“ating on R12. The test poiiits are taken from refer-
ence (11). - ’
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puter model using an alternative working fluid and
covering a much greater range of tip speeds and power
outputs than was possible with the SPHERE test rig.
Both the small-scale experiments of Steidel et al. (9) and
the results of LaSala et al. (17) on the large-scale 1 MW
unit were considered. For brevity, only the large-scale
tests-are given and these are summarized in Fig. 13. It
may be noted that the operating points were carefully
chosen by the investigators and well controlled so that
they all lie close to set values of inlet dryness fraction.
This makes it rather difficult to distinguish between cor-
responding experimental and predicted values. None-
theless, close examination shows that for both sets of
results, the agreement between predicted and measured
values was better than in the authors’ tests and this was
confirmed by statistical analysis.

This improved agreement: is attributed mainly to
operating with larger temperature and pressure differ-
ences. By this means, errors due to the relatively small
differences between large enthalpies, etc., were reduced.

Note that the adiabatic efficiencies achieved with
water were much lower than those obtained with halo-
carbons, even in the large expander, where higher effi-
ciencies were anticipated due to the reduced significance
of leakage and friction losses. For many years this led to
great scepticism among the geothermal engineering
community on any claims by the authors that ‘higher
adiabatic efficiencies were attainable from screw expan-
ders using organic fluids. However, with the aid of the
authors’ computer simulations, the reasons for  the
failure of the Total Flow project become readily appar-
ent. Basically, as already shown in reference (18), water
expansion ratios need to be much higher than those for
organic: fluids. The Total Flow screw expanders were,
however, constructed with - relatively small built-in
volume ratios. As a result, there was significant: under-
expansion - in both the small- and large-scale tests.
Examples of this are given in Fig. 14, where estimated
p-V diagrams for a typical large-scale ‘machine - are
shown. for built-in volume ratios of 3:1 and 9: 1. As
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Fig. 13- Predicted and measured power outputs and adiabatic efficiencies for
a 1 MW ‘total flow’ expander. The points shown are taken from
reference (17). Note that, despite the anticipated gains due to favour-
able scale effects, the maximum adiabatic efficiencies are less than 60

per cent

can be seen, less than half the overall expansion ratio
was carried out within the space trapped between the
rotors and the casing. The remainder occurred outside
the rotors on the opening of the exit port. With the 3 : 1
built-in volume ratio, the estimated mass flowrate was
23.3 kg/s which produced a power output of 935 kW
with an adiabatic efficiency of only 42.9 per cent.
Raising the built-in volume ratio to 9:1 reduced the
mass flowrate to 12.0 kg/s and the power output to 523
kW, but the efficiency only rose to 46.6 per cent. If there
were no leakage losses, a threefold increase in the built-
in volume ratio should reduce the mass flowrate by a
factor of three. However, the leakage flowrate is depen-
dent mainly on the overall pressure difference and
therefore the greater the built-in volume ratio, the larger
is its fraction of the total mass flowrate. Hence, further
increases in the built-in volume ratio led not only to the
need for a bigger machine for the same power output

Part A: Journal of Power and Energy

but also to a decrease in adiabatic efficiency. Thus it is
impossible to develop an efficient two-phase expander
with water as a working fluid unless very limited expan-
sion is required. The Total Flow concept using screw
expanders, though superficially attractive, was really
doomed from the outset.

4.5 Conclusions from the experimental and analytical
studies

A final appraisal of the reliability of the computer
model was made by performing a statistical analysis of
all the 632 results considered from the Howden, Belliss

. and Morcom and Total Flow tests. The results of this

study are shown graphically in Figs 15 and 16 and may
be summarized as shown in Table 2. ’

Considering -the simplicity of the assumption of
homogeneous one-dimensional flow for all the processes
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Fig. 14 Pressure-volume diagrams for a 416 mm rotor water expander. Low
built-in volume ratios lead to poor efficiency due to under-
expansion. High built-in volume ratios reduce the mass flow and
hence increase the relative effects of leakage. The adiabatic efficiency
is therefore hardly changed while the power output decreases

Table 2 Results of statistical analysis involved to describe two-phase flow in which there is a
(Measured — estimated)/Measured ,consi(!erable rotational component, the overall agree-

Power outpat Adisbatic clficioney | ment is remarkably good and furthe}' s.tatflstlcal analysis

— confirmed the reliability of the predictive method to be
Average K 0.00168 - 000274 * greater than 95 per cent. Moreover, the prospects for
Standard deviation 002854 0.07917 significant improvement, even with vastly more complex

Frequency

0.00 ‘ 7T SRR 2 e o o .
-0.08. —-0.06 —~0.04 -0.02 0.00 0.02 0.()4, 0.06 0.08
Fractional dlfference

Fig. 15 Statistical analysis of the fractional difference between predicted and
© measured power outputs for all points considered. Note that dis-
tribution is roughly centred about zero and that the discrepancy is
within + 5 per cent for the majority of points
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Fig. 16 Statistical analysis of the fractional difference between predicted and
measured adiabatic efficiency for all points considered

assumptions, are slight. Overall, it may be concluded
that the software developed may be used with con-
fidence as a design tool.

5 DESIGN APPLICATIONS

Having validated the method of analysis, the computer
program was: used. to determine the requirements for
optimum screw expander design and also to carry out
performance estimates for specific applications.

5.1 Optimum built-in volume ratio

The experimental studies showed the -performance pen-
alties incurred by over-expansion in the high-speed runs
on the Howden expander and under-expansion in the
total flow tests. It might therefore be inferred that, as
proposed by Ng et al. (7), the best results would be
obtained when the pressure at the end of expansion cor-
responds exactly with the condenser pressure. In prac-
tice, for a given size of machine operating at a specified
speed, there is a choice between a low built-in volume
ratio with a consequent high induced mass flow and
relatively low leakage losses, but some losses due to
under-expansion, and a higher built-in volume ratio
with a lower induced mass flowrate and higher leakage
losses but little or no loss due to under-expansion.
Raising the rotational speed increases the internal
expansion in the filling process and thereby permits an
even lower built-in volume ratio, but increases the fric-
tion losses. The computer program accounts for all
these effects simultaneously. By its use it has been found
that if some under-expansion is permitted, high-speed,
low built-in volume ratio designs, with roughly half the
volumetric capacity required for lower speed full expan-
sion alternatives, attain the highest overall adiabatic
efficiencies.

5.2 Applications to TFC system design

The results of one specific design study involving expan- |

sion to dry vapour at the condenser inlet have already
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been given (20). In that case an overall adiabatic effi-
ciency of 85 per cent was predicted but approximately
two-thirds of the power was generated in a final turbine
stage' and only one-third in two preliminary screw
stages. Subsequently, another study was carried out by
the authors in response to a specific enquiry where the
heating medium temperature was not sufficiently high
to obtain dry vapour at the expander exit. An all-screw
system was therefore the only one feasible. This is given
here in greater detail, in preference to the eatlier study,
since it constitutes an application in which the potential
for screw expanders is more severely tested.

The proposal considered was to recover power from a
flow of 230 tonnes/h of pressurized hot water, separated
from a geothermal flash steam plant, which is currently
being reinjected into the ground at 150 °C. In this case
no supply of cooling water was available and air-cooled
condensers were specified for a mean annual ambient
temperature of 12°C. Cycle analyses of the type
described in reference (18) were carried out from which
it was concluded that the most cost effective solution
would be to use a TFC system using n-butane as the
working fluid, with condensation taking place at 35°C.
The optimum condition was found to correspond to a
working fluid top temperature of 137 °C at a mass flow-
rate of 98 kg/s. It was resolved to carry out the expan-
sion in two stages, with the aim of obtaining a shaft
speed of 1500 r/min in. both of them to allow direct
coupling of the screw expanders to an electric generator
without an intervening gearbox. An initial. study was
carried out assuming ‘C’ profile rotors in a 4/6 com-
bination. Good results were obtained, but to see what
improvements were - still possible the analysis was
repeated using more advanced profile rotors, as shown
in Fig. 3c. ‘ ‘

"~ The expander design was then considered in more
detail. Firstly, a large number of individual expander
analyses were carried out at assumed inlet and exit con-
ditions and built-in volume ratios. From these, graphs
of mass flow, power output and adiabatic efficiency
versus speed were prepared, as shown in Figs 17 to 19.
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Fig. 17 Mass flow versus tip-speed graphs for the high- and
low-pressure stages of a large-scale expander design
for the geothermal power generation study described
in the text. Given the mass flow from a cycle analysis
study, the graphs may be used to determine the rotor
sizes required for the two stages to obtain the same
rotational speed for each

The mass flow versus speed graph of Fig. 17 was used
to determine the rotor sizes required for each stage to
meet the design requirement while Figs 18 and 19 were
used to obtain the corresponding power outputs and
adiabatic efficiencies. From these results further trial-
and-error calculations were performed in which the
stage volume ratios and pressure drops were varied to
obtain a more precise specification. These led to the
final design shown in Table 3.

High-pressure expander characteristics
Working fluid = r-butane
- Inlet condition: Temperature = 137 °C, Dryness = 0.00
Rotor sizes in mm

Adiabatic efficiency

0 1000 2000 3000 4000

B Shaft speed
r/min

Fig. 18 Graphs of power output and adiabatic efficiency for
the high-pressure stage of the large geothermal plant
design study. These may be used to obtain the design
values using the tip speed and rotor diameter
obtained from Fig. 17

Allowing for reheat effects in multi-stage expanders,
this is equivalent to an overall expander adiabatic effi-
ciency of 82.2 per cent, which compares favourably with
that of a dry vapour turbine of equivalent power
output. This is a particularly pleasing result when it is
noted that such high efficiencies could not be obtained
with screw compressors operating over equal pressure
differences. The reasons for this high efficiency are:

1. Those given in references (18) and (20), namely the
choice of a fluid with a critical temperature which is

Table 3 Final design specifications

Rotor diameter ~ Rotor speed

Pressure drop

Power output

Adiabatic efficiency

mm ' r/min bar kW %
HP stage 390 1500 15 . 828 . 82
LP stage 620 1500 12 -3042 1 80
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Fig. 19 Graphs of power output and adiabatic efficiency for
the low-pressure stage of the large geothermal plant
design study. These are used in the same way as the
graphs given in Fig, 18

not too high. By this means the condensing pressure
is relatively high and the required volume ratio in
each stage is kept to a minimum. The lower the
volume ratio, the greater the induced mass flow for a
given size of machine and hence the less 31gn1ﬁcant
the leakage.

2. The adverse effects of leakage are less severe in
expanders than in compressors since both mass and
leakage flows are in the same direction and interlobe
leakage has an advantageous reheat effect in multi-
stage expanders.

3. The larger the machine, the less the significance of
both leakage and friction losses. In this case, the
machines are relatively large.

Unlike ‘Total Flow’ expanders, for which huge rotors are

required, such a machine presents no special manufac-
turing problems since rotors of up to 800 mm diameter
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may bé produced with standard machine tools while
large gas compressors are built with rotor diameters of
up to 936 mm.

From. this study it was concluded that the net recov-

 erable power from this source was approximately 2.9

MW, . An alternative proposal for an organic Rankine
cycle (ORC) system gave a net output of only 1.9 MW, .

5.3 Refrigeration and air conditioning

Data on large commercial air conditioning units was
used to predict what performance gains were possible
by replacing the throttle valve in a normal vapour com-
pression system with a screw expander. Such units are
required to operate over a wide range of conditions.
The most efficient means of utilizing the power thus
generated is therefore possibly to use it to drive a
matching screw compressor in a sealed unit which oper-
ates in parallel with the main compressor, as shown in
Fig. 20. The authors propose that such a unit be
described as an ‘expressor’. Typically, expander adia-
batic efficiencies of 70 per cent or more are attainable
and such a unit could improve the COP by about 7-10
per cent. Preliminary analyses show that such gains
should be cost effective.

6 CONCLUSIONS

The results of this 1nvest1gat10n show concluswely that
with the right  choice ;of ‘working fluid and a proper
understanding of the principles of their operation, screw
expanders may be built'no larger than current -gas com-
pressors to operate as two-phase expanders with far
higher efficiencies than were hitherto believed to be pos-
sible. Such machines may also be used. to improve the
efficiency of large vapour compression plant, but the
main aim of the.authors was to.show the viability of the
TFC system. It should be noted that the adiabatic effi-
ciencies predicted in this paper are significantly higher

- - than those -assumed in the initial cycle feasibility studies

(18). Thus the system is likely to be more cost competi-
tive than was originally forecast. ,

The investigation described took place over a period
of nearly 10 years, although the time taken from the
authors’ first conception of the cycle was nearly 13
years. The greatest losses of time were in seeking
funding, late delivery of parts and initial errors in
understanding similar to those of the earlier Total Flow
investigators. To a great extent the success of the inves-
tigation was based on an appreciation of the pos-
sibilities of alternative working fluids, but in part it was
due to advances in screw technology which were not
foreseen in 1981, These were:

1. The improved accuracy of modern numerically con-
trolled machine tools which has led to a reduction in
the buildup of tolerances in twin screw compressors
from 0.007 to 0.002 in (0.018-0.005 cm) over the past
15 years. This has drastically reduced internal
leakage losses and thereby greatly improved attain-
able adiabatic efficiencies both in the compressor.and
expander modes of operation.

2. The derivation of rotor profiles from first principles
by -academic research workers which brought into
the public domain information previously held by
industry as a closely guarded secret.
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Flg 20 The expressor concept In addition to its function as the expander
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3' The remarkable ‘accuracy of the analysis of screw
COmpressors developed over the past 10 years based
only on one- dlmensmnal homogenéous flow theory.

The achievement of this result more than 10 years ago

therefore seems to have been unlikely.
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APPENDIX

Equations for the analysis of flow through a screw
expander

(a) Assumptions and limitations of the model

In order to simplify the solution and thereby minimize
computer running time, the following assumptions were
made:

1. The fluid flow throughout the expander is quasi-
steady, one-dimensional and homogeneous.

2. Liquid—vapour mixture inflow through the suction
port and outflow through the exhaust port was
assumed to be isentropic.

3. The leakage paths are derived from the clearances by
simple algebraic relations and the flow of fluid
through them is assumed to be adiabatic.

(b) Principalfeatures of the analytical model

The model includqs, the following features which are
intended to give the widest possible scope to its use
while producing solutions that are close to reality:

1. The equations used to evaluate the working fluid
properties are contained in -an independent set of
subroutines. The working fluid may therefore be any
gas or liquid-vapour mixture for which there are
known relationships for the estimation of local ther-
modynamic and transport properties.

2. The equations defining the expander geometry are
included in an independent set of subroutines. The
model can therefore be readily adapted to describe
the expansion process in any type of positive dis-
placement expander for which the volume, inlet and

exit flow areas and leakage path can be specified at7

any angle of rotation.

3. The model allows for the injection of any liquid into
the expander at any stage of the induction, expansion
or discharge processes for the purpose of lubrication,
sealing or cooling. All processes beyond the injection
point take account of the injected liquid, including
allowance for gas or vapour solubility within it.

(c) Governing equations

The volume contained within each pair of mating main
and gate rotor lobes and the casing of a screw expander
may be defined as an open thermodynamic system in
which the mass flow varies with time. This is shown
schematically, together with its associated inflows and
outflows, at any angle of rotation ¢ in Fig, 21.
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do/dt Meak
Fig. 21 The control volume assumed for the screw expander
analysis

Conservation of energy. For ease of computation, the
conservation of energy is best expressed in its non-
steady form, wherein the internal energy of the fluid .
contained in the volume, rather than its specific enth-
alpy, is the derived variable. This may then be written
as :

d dv
= Z (n’1, hi)in Z (m hl)out Q pdt

In this case, the summation of enthalpy fluxes comprises
that due to induction, during the period of rotation that
the cell is exposed to the inlet port, that gained by
leakage from the surroundings, when their pressure is
higher than that in the control volume, and that due to
any additional fluid injected. Similarly, the enthalpy
flow out comprises that due to fluid dlscharge, when the
cell is exposed to the exit port, and any leakage to the
surroundings when their pressure is less than that in the
cell.

Initial studies based on suitable approximations
showed that the dQ/dr term referring to heat exchange
between the fluid and the rotors and casing; due to their
temperature difference, is negligible. It was therefore
omitted from the more detailed analysis. ’

‘The power produced by the fluid during the expan-
sion -process -is - expressed by the term p dV/dt and is
evaluated from the local values of p and dV/dt. The
latter term is obtained from the equations describing
the rotor volume and the angular velocity.

Conservation of mass. The equation for the conserva-
tion of mass may be written as

%t:l- = ; (mi)in - ; (mi)out

where the left-hand side of the equation corresponds to
the rate of change of mass within the expander cell and
the right-hand side to the components of inflow and
outflow of mass as described in the energy equation.
Each of the mass fluxes may be expressed as

= pAV
The instantaneous fluid density, p, is obtained by divid-

ing the instantaneous mass trapped in the control
volume by the corresponding instantaneous volume.

Cell cross-sectional area. The cross-sectional area A
for the flow, which is approximately normal to the
helices, is obtained from the expander geometry’ and for
both suction and discharge it was. cpnszdered as a
periodic function of the angle of rotation ¢. For the
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suction port this was expressed as

)
Asuc = Asuc max sin
&

For the discharge port:

: ¢ - ¢ee >
A is — A s,max SI0 { T —————
¢ @ < ¢de - ¢ee

Port velocities. These are expressed for both suction
and discharge ports as

I_/ = Cd\/{2(h2 - h1)}

The equations in this form are equally valid for reversed
flow, should it occur.

Leakage. Leakage in a screw machine forms a sub-
stantial part of the total flowrate. It therefore has a
great effect on both the volumetric and adiabatic effi-
ciencies and, more unexpectedly, on the pressure at the
end of expansion prior to the opening of the discharge
port. Moreover, in two-phase expanders, it may be
accompanied by a change of phase. For ease of compu-
tation, it is convenient to distinguish between gain and
loss leakage. Gain leakages come from the inlet plenum

and from any adjacent working chamber that has a

higher pressure. Loss leakages leave the chamber
towards the discharge plenum and to the adjacent
chamber with a lower pressure..

Leakage velocity.may be estimated from a simplified
analysis of the fluid flow through the’ clearance. The
process is essentially adiabatic but it is easier to assume
flow at constant enthalpy. This has a minor effect if the
analysis is applied only to small changes in rotational
angle. The present model assumes this while allowing
for the leakage flow to be that of a vapour-liquid
mixture. \

The leakage mass flowrate may then be expressed as

= Cy,pAVy=Cy,G A,
where ,
A, =16 G,=pV, and

g g’

= fn(Re, M)

Four different sealing lines are defined. These are as
follows:
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(a) the forward tip sealing line formed by the main and
gate rotor forward tips and the casing;

(b) the reverse tip sealing line formed by the main and
gate rotor reverse tips and the casing;

(c) the front seahng line between the discharge rotor
front and the casing;

(d) the interlobe sealing line between the rotors.

All the sealing lines have associated clearance gaps
which create leakage areas.

In addition, the tip leakage areas have associated
blow-hole areas. The leakage flows associated with
these areas can be defined as gains through areas (a)
and (c) and losses through areas (b) and (d). There is an
additional leakage across the rotor front faces which
bypasses the rotor passages to flow directly into the dis-
charge plenum. This does not affect the process in the
working chamber.

The leaking fluid velocity is derived from the momen-
tum equation which includes the effects of wall friction:

ng—V; -I-fV:E—O

This equation can be integrated by assuming constant
temperature through the gap to yield

61 \/[__M__]
# a3{¢ + 21n(p,/py)}

The full procedure requlres the friction and drag coefﬁ-
cients to be expressed in terms of Re:and M: :

(d) The method of solution of the equations
The solution of the equation set is performed numeri-

cally by means of the Runge-Kutta fourth-order

method, with appropriate initial and boundary condi-
tions.. The computation is started with the numerical
solution of the mass, momentum and energy equations
m(¢), V(¢) and U(¢). Given the chamber volume, the
specific internal energy u and spemﬁc volume v are
thereby calculated from whlch , p and x are thus
obtained.
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